A simple model of compressor main bearings was evaluated using the mobility method. The model allows for the simulation of the three loading conditions of the compressor, as well as accounting for the geometry of the connecting rod and crankshaft. The simulation was then compared against the results from measuring the orbit of the crankshaft. This is a simple and low cost way to monitor the main bearings without installing sensors directly into the bearing sleeve. The results show good qualitative agreement to move forward with developing the model and sensor application with the end goal of application to health monitoring. 
INTRODUCTION
This research focuses on a Dresser-Rand ESH-5 reciprocating compressor located at the Rochester Institute of Technology (RIT) campus for research purposes. The compressor supports several undergraduate senior capstone projects, as well as several graduate research projects focusing on health monitoring techniques for industrial machinery. This paper focuses on bearing modeling and comparing these results to experimentally obtained data. Emphasis is placed on the derivation of the bearing forces and using the mobility method to determine bearing performance. Some faults are simulated to develop expectations for seeded fault testing at a later point. Lastly, the experimental setup is detailed and the results compared to the simulation.
Background
While reciprocating machinery is widely used in the oil and gas industry, the standard of condition monitoring is not at the same level as that employed for turbo machinery. As a result, turbo machines currently have lower maintenance costs when compared to reciprocating compressors. Better condition monitoring techniques could change this. An effective way to monitor reciprocating compressors is by evaluating their real time P-V diagrams. It is relatively easy to monitor pressure in the cylinder and if the crank angle can be monitored accurately, the pressure volume relationship can be calculated. This can then be compared to a theoretical diagram and any deviations signal failure on a part of the compressor [1] .
Other techniques that can be used to monitor the condition of a reciprocating compressor include vibration monitoring, rod drop monitoring and temperature monitoring. For vibration monitoring, two main categories should be considered: crankcase vibration and crosshead/distance piece vibration. Since most reciprocating compressors have a balanced opposing cylinder configuration, measuring the vibration of the crankcase allows us to detect any failure that would upset this inherent balance. Catastrophic examples of such failures include a broken piston rod or the loss of a counterweight on the crankshaft. Measuring the vibration or acceleration of the crosshead/distance piece allows the detection of loose piston nuts, clearance problems and others failures that result in impact events to the crosshead. Roddrop monitoring can show rider band wear but is very difficult to measure accurately. For temperature monitoring, typical measurements include cylinder discharge temperature, valve temperature, packing temperature, crosshead pin/big end bearing temperature, and main bearing temperature. Cylinder discharge temperature can show leaks in rings and valves. Valve temperatures give away individual valve problems. Packing temperature can show packing leakage and bearing temperature can show a failing bearing [2] .
In order to combine all these measurements into one complete health monitoring system that is viable for industry, some sacrifices have to be made in sensor placement and sensor choice in order to achieve a balance between capabilities and cost. In addition to the measurements, a simulation of the compressor is desirable. This allows the comparison of actual versus expected values. This is in addition to conventional alarms that trigger when the measurements exceed a stored value. If an alarm triggers, the alarm value should be raised a small amount to confirm a trend through continuous triggering instead of an outlier [3] .
Specific research in the area of condition classification and monitoring has investigated a wide range of possible techniques. Yang, B.-S. et al. developed a techniques to determine whether a small reciprocating compressor is faulty. This technique was then implemented as part of the quality control process on the compressor assembly line. The classifier used vibration measurements in both horizontal and vertical direction to determine the condition of the compressor [4] .
Ahmed, M., Gu, F., and Ball, A use a genetic algorithm to select features and then a probabilistic neural network to classify the condition of a reciprocating compressor. Seeded fault testing was used to obtain datasets for healthy and three types of failing conditions, valve leakage, intercooler leakage, and a loose drive belt. All three faults require the compressor to use more energy to generate the same pressure. The authors manage to achieve a 100 % correct classification rate when the genetic algorithm is used to select the features on which the neural network bases the classification [5] .
Another technique that has been investigated is to monitor the condition of the compressor lubrication oil. Jiang, X. used atomic emission spectroscopy combined with ferrographic analysis to check the particle contents of the oil. Atomic emission spectroscopy is used to determine the concentration of metal elements due to wear, additives, and contaminants in the oil. Ferrographic analysis is used to detect the wear and failure mechanisms. The combination of the two methods is necessary to achieve complete monitoring as the spectroscopy only measure particles with a size smaller than 10 micrometers. Ferrographic analysis is then used to discover larger particles resulting from heavy wear. If the materials of certain mechanical components of the compressor are known, a higher than average concentration of elements of some material can indicate the wear of a specific component [6] .
Typically, monitoring and condition determination of bearings is performed in two different ways. The first method is to look at the dynamic load rating and the equivalent load experienced by the bearing to arrive at a prediction of fatigue. The second is to actively monitor the bearing through some measurements. The first method's weakness is that it can not account for varying operating conditions. The second method is very useful if usable features can be extracted from the measurements [7] .
This work looks to develop a model following the first method described as a starting point and in the future develop features from experimental data along with a classification algorithm for a full condition monitoring system.
BEARING MODEL
The motion of the journal in the clearance space of the sleeve is calculated using the mobility method. This requires knowledge of the forces acting on the bearing as the input. As such, the compressor was modelled using conventional engine kinematics and dynamics, where the forces are based on the geometry and masses of the individual components (e.g. connecting rod and crankshaft). The pressure forces acting on the piston are included in the form of experimental data collected at various crank angles. The bearing installed in the compressor is a fully floating ring bearing. For the sake of simplicity, in the first model the clearance from the ring to the sleeve is assumed to be much smaller than the clearance from the journal to the ring. It is also assumed that the ring is not rotating. These two assumptions allow us to reduce the model to a simple journal bearing and apply the standard mobility method. Future work includes adapting the model to account for the full floating ring bearing.
Simplified Model
Most of what follows is based on [8] [9] [10] . Figure 1 shows the simplified system from which the free body diagrams are created. The concept of dynamic equivalence is Figure 1 . SIMPLIFIED SYSTEM SCHEMATIC applied to both the connecting rod and the crankshaft (Fig. 2 and  3) . The solid body connecting rod is modeled as two-point mass connected by a mass-less rod of length l. The masses are the rotating big end mass at the connection to the crankshaft and the reciprocating mass that is comprised of the piston, distance piece and the small end mass. F rot and F rec are inertia forces from the motion of the connecting rod and are known from given masses and accelerations determined through kinematics. N is the side-wall force from the cylinder on the piston. F gas is the force due to the cylinder pressure. Gravitational effects are included for both the reciprocating and the rotating mass as seen in figure 2 The main unknown of interest is the force from the big end bearing onto the connecting rod (F c ), as this is the link between connecting rod and crankshaft (and between what is occurring in the cylinder and the loads on the main bearing).
The solid body crankshaft is modeled as three-point masses. The first, M cp , is the mass of the crankpin at a distance r from the origin. The second, M c , is the mass of the shaft acting at the axis of rotation. This means it does not contribute to the rotating inertia loads. Third is the mass of the counterweights located at a distance of −r. F bal is the inertia force of the counterweight, F cp is the inertia force of the crankpin mass. −F c is the reaction force from the big end bearing onto the crankpin and R m is the reaction force from both main bearings on the crankshaft. This is later divided by two to account for the two main bearings supporting the crankshaft. The fact that there are only two supports is convenient, as it makes this problem statically determinate which allows for including static effects from the weight of the flywheel to calculate individual bearing loads as a combination of rotational effects and static effects. One thing to note is that the y-axis is defined positive downward in order to allow for the direction of rotation to be positive. This results in a positive value for acceleration due to gravity.
Kinematic Relations
The position vectors for the reciprocating mass and crankpin are given by s = (r cos θ + l cos φ)î
(1)
and the connecting rod vector is given by
Defining an auxiliary connecting rod angle φ with
one can find the connecting rod angular velocitẏ
where ω is the rotational speed of the crankshaft (assumed constant here). In order to solve for the forces on the bearings, the acceleration vectors are needed. These are found by taking the second time derivative of the position vectors,
where:φ
With the above set of equations, the complete motion of the compressor can be described if the crankshaft angle θ and rotational speed ω are known.
Forces Excluding flywheel loading effects, the big end conrod bearing force components (crankpin to sleeve) are found by: 
The model was then further refined since the two main bearings do not carry identical loads due to the asymmetric crankshaft design and the large flywheel. Figure 4 shows the simplified free body diagram that was used to determine the reaction forces due to the flywheel weight. Solving for static equilibrium from the free body diagrams yields: 
Now we can calculate the main bearing loads to be used in the mobility code. We will focus on the bearing closest to the flywheel as it experiences the greater load and as such is expected to carry a smaller film thickness. The negative sign is required as the mobility method expects forces to act from the journal onto the sleeve:
Some assumptions are made regarding the masses of the crankshaft components due to a lack of technical drawings for the crankshaft.
1. crankpin mass = conrod rotating mass 2. counterbalance mass = crankpin mass + conrod rotating mass 3. shaft mass = total shaft mass -crankpin mass -counterbalance mass
Mobility Method
Background The mobility method has been in use since the 1960s as a fast method to predict journal bearing orbits through numerical curve fits. Even though a full finite element solution is more accurate, the run time benefits of mobility, which runs up to 2,000 times faster than a full solution, can provide a reasonable qualitative assessment of journal motion [11] . Theory At a given instant, the time rate of change of the journal eccentricity is given by,
where ω is the average angular velocity of journal and sleeve at that instant. In this research, the Goenka mobility approximation is used, as it still is one of the most accurate and widely applicable methods to determine the mobility vector M. Details of the mobility method can be found in Booker [12] .
SIMULATION RESULTS
Solving for the main bearing loads and then calculating the bearing motion yielded the results shown in figure 5 . As the load increases, the film thickness is reduced and a second peak becomes more defined. The parameters for the simulation are given in table 1. Several simulations were run to test the effect of radial clearance on film thickness. Standard SAE 30 oil was used as the lubricant.
One thing to note is that the bearing is fully grooved with even length lands, so each land carries half the load. This produces different results compared to a non-grooved bearing, where the entire load is carried by the entire bearing length since the mobility vector depends on the L/D ratio. 
Modeling a faulty bearing
As the bearing ages, it is possible for it to wear. This will increase the clearance which, as shown above, will lead to thinner films and increased wear. This is a common failure mode as wear will always occur during start-ups and shut-down. Lubrication is the other major variable in bearing performance and wear. If the lubricant comes into contact with air or even the working fluid of the compressor, its viscosity can break down [14] . In order to develop expectations for seeded fault testing, two faults were simulated:
1. Increased clearance from regular wear 2. Oil degradation (i.e. viscosity changes)
Increased clearance
The simulation was run with an increased clearance range that is outside of the manufacturer's specifications. Results are shown in figure 5 . As one can see, the film thickness decreases with increasing clearance.
Oil degradation
To model degrading oil, the simulation was run with the typical clearances but various values for viscosity. The operations manual provided by Dresser-Rand specifies the required oil characteristics: Viscosity at 40 degrees C should be no more than 168.4 centistokes and no less than 10.2 centistokes at 100 degrees C. SAE 30 motor oil fits these characteristics fine and is currently used in the compressor as standard oil. To show how oil viscosity affects the bearing performance, the model was run with 35 micron clearance and with viscosity values ranging from SAE 10 to SAE 50 oils at 50 degrees Celsius. Table 2 shows the various viscosities for a range of temperatures. 50 degrees C was chosen from thermocouple data measuring main bearing housing temperature. Figure 6 shows the impact of viscosity on minimum film thickness. One can see that the higher the viscosity, the higher the film thickness with overall less variation throughout a cycle. While this is theoretically a benefit to the bearing operation, it has negative effects such as increased power loss and, in extreme cases, issues with refilling the bearing in time (this should be monitored). A lower viscosity results in thinner films that can lead to bearing wear. [15] in order to reduce the error from imperfections in the measured object. Because of a desire to use off-the-shelf sensors and keep costs low, the measurements for this research were taken from two displacement sensors arranged 90 degrees apart, measuring both the x and y movement of the crankshaft. Figure  7 shows a schematic of the layout.
EXPERIMENTAL SET-UP
Since e x and e z are much smaller than crank radius, r, the angles α and β can be assumed small in the analysis. This greatly simplifies the solution. If α and β were non-trivial the equations to solve would be:
Also,
R cos α + e y = y
Due to the small angle approximation, these simplify to:
Since the sensors will be calibrated to read zero when the compressor is at rest, the eccentricity vectors can be measured directly from the sensors without any additional processing. The sensor model chosen for the initial measurements is the BBPM-315-020 LVDT from Macro Sensors. It has a range of ± 0.5mm with a repeatability of < 0.15 microns. Along with the sensor, the LVC2500 signal conditioning module is used in order to deliver the 0-10Vdc output for the data acquisition system.
A linear variable differential transformer (LVDT) consists of a coil assembly with one primary coil and two secondary coils on either side of the primary. It has a magnetic core that can move axially within the coils. When applying an appropriate AC voltage to the primary coil, a magnetic flux is created that is coupled to the secondary coils through the core. As the core moves with the object whose displacement is to be measured, the voltages in the secondary coils start to differ from each other. This difference is measured and converted to an easy-to-use DC voltage or current by the signal conditioning equipment.
Sensor installation In order to ensure the correct mounting of the sensors radially in-line with the crankshaft centerline as well as 90 degrees apart from each other, a sensor bracket was designed. Below is a 3D image showing the final layout, followed by pictures of the manufactured bracket with sensors installed. Data collection The measurements of the LVDTs were compared to the simulation results. Figure 10 shows the plot of calculated journal movement in x and y for the model at several clearances and the experimental data obtained from the sensors. In order to better compare the model to the data, the mean was subtracted from each measurement and simulated eccentricity. This centers all plots at (0,0) and allows for qualitative comparison.
There are some significant differences between the model and the data. However, for a simple first model the results show a good qualitative agreement and follow the same trends. Several factors impact the agreement: the model simulates the actual journal motion whereas the measurement is of the crankshaft motion; misalignment; additional bearing geometry such as oil grooves; and overall vibration of the compressor. Future work includes refining the model further to include these aspects. The fully floating ring bearing has the largest impact on the differences between simulation and data. This first model is shows a promising trend and warrants further development to gain accuracy. Even with the discrepancies, the data obtained from the LVDTs is still useful for fault detecting as it is characteristic of the compressor state as shown in figure 10 and the significant differences in measurement for the different loading conditions. Quality of measurements In order to ensure that the data collected corresponded to a real measurement and not simply noise, the sensitivity of the sensors was checked. To determine the sensitivity of the LVDTs, a block of aluminum was drilled to hold the sensor in a fixed position at about the midpoint of the sensor range to ensure the signal collected represents a steady state. The data was then centered about the mean and its standard deviation was determined. Given the range of the sensor and its actual output range, a scale factor was determined. Table 3 shows the results obtained.
FUTURE WORK
This work is part of ongoing research into developing a condition monitoring package for a reciprocating compressor. The data collected from the LVDT sensors will be used to develop health monitoring for the main bearings. However, they are only part of a complete sensory system applied to the compressor which includes several vibration, pressure, and temperature sensors. The eventual goal of the research is to combine several different sensors in order to optimize the monitoring performance.
